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Abstract--A correlation of vapor-side heat transfer coefficients is proposed for condensation of a 
steam-air mixture on a vertical surface. The correlation is based on the analogy between heat and mass 
transfer and includes the effects of the wavy interface between a condensate film and bulk vapor on the 
condensation. For a film Reynolds number less than 350, the vapor-side heat transfer coefficients are well 
correlated as a function of vapor Reynolds number, air-mass fraction, Prandtl number, and Schmidt 
number within + 10% error. The ratio of the enhanced heat transfer coefficients for the wavy interface 
to those with a film Reynolds number less than 350 is well correlated as a function of film Reynolds 
number and vapor Reynolds number within ___ 15% error. The film Reynolds numbers range from about 
40 to 17,600 and the vapor Reynolds numbers from about 77,000 to 500,000. The air-mass fractions also 
range from 0.1 to 0.7. © 1997 Elsevier Science Ltd. 
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1. INTRODUCTION 

It  is well k n o w n  tha t  even a small  a m o u n t  o f  non-condensab le  gas can reduce condensa t ion  heat  
t ransfer  cons iderab ly .  The  reduc t ion  is ma in ly  caused by a non-condensab le  gas layer  formed 
ad jacen t  to the condensa te  film (Slegers and  Seban 1970; A1-Diwany and  Rose  1973; A s a n o  et al., 

1979; M i n k o w y c z  and  Spa r row  1966; Spa r row et al., 1967; Denny  and  Jusionis  1972; Rose  1980; 
Bannwar t  and  Bontemps  1990; Hasane in  et al., 1996). A t  equi l ib r ium the interface concen t ra t ion  
o f  non -condensab l e  gas is high enough  so tha t  the resul t ing diffusion and convect ion  o f  this 
c o m p o n e n t  away  f rom the interface in to  the ambien t  jus t  balances  the rate  at  which its 
concen t ra t ion  increases due to the condensa t ion .  I t  is an add i t iona l  thermal  resistance exerted by 
non-condensab le  gas. 

M o s t  o f  the prev ious  exper imenta l  results have shown greater  heat  t ransfer  coefficients than  those 
der ived by theore t ica l  and  numer ica l  predic t ion .  I t  has been argued that  an in terac t ion  between 
the surface waves o f  a condensa te  film and  the non-condensab le  gas layer  enhances  the t r anspor t  
o f  heat  and  mass  in the v a p o r  mixture  phase.  Huht in iemi  and  Cor rad in i  (1993) repor ted  that  the 
penden t  condensa t e  d rops  on a d o w n w a r d  facing surface enhance  the condensa t ion  heat  t ransfer  
o f  a s t e a m - a i r  mixture.  They also pred ic ted  the condensa t ion  heat  t ransfer  by using the model  
deve loped  by K i m  and  Cor rad in i  (1990). In  their  model  the wavy interface between condensa te  
film and v a p o r  phase  was cons idered  a rough  wall surface. Peterson et al. (1993) p r o p o s e d  a 
cor re la t ion  for  s team condensa t ion  in the presence o f  non-condensab le  gas based on the ana logy  
between heat  and  mass  t ransfer .  Thei r  exper imenta l  da t a  for  a vert ical  tube were well fitted with 
the coefficient o f  0.0276, which was greater  than  the 0.023 o f  D i t t u s -Boe l t e r ' s  cor re la t ion  by  a b o u t  
20%.  The  reason  was a t t r ibu ted  to the waviness  o f  condensa te  film. 

Recent ly ,  some exper imenta l  results  have shown that  surface waves enhance  the heat  t ransfer  
o f  a s t e a m - a i r  mixture.  K a n g  and  K i m  (1994) invest igated s t e a m - a i r  condensa t ion  on a wavy-fi lm 
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flow in a nearly horizontal rectangular duct. The condensation heat transfer increased up to several 
tens percents with film Reynolds number. Karapantsios et al, (1995) also showed that the 
dependence of  heat transfer coefficients on the liquid flow rate was attributed to a dynamic 
interaction between the interfacial waves and the bulk vapor. In their experiment the steam-air  
mixture condensed into liquid in direct contact with subcooled water inside a vertical tube. The 
vapor mixture was maintained effectively stagnant. Park et al.(1996) examined the effects of surface 
waves of  condensate film on steam-air  condensation on a vertical surface and also analyzed the 
vapor-side heat transfer coefficient defined between condensate-vapor  interface and bulk vapor. 

This paper deals with enhanced heat transfer due to the waviness of  condensate film in the 
diffusion layer of  a s team-air  mixture. The heat transfer coefficients were obtained from the three 
parameters of  vapor  velocity (U~, = 1.4, 3, 5, 7 m/s), air-mass fraction (W = 0.1, 0.2, 0.3, 0.5, 0.7), 
and film Reynolds number ( ~  17,600) corresponding to the waviness in a vertical rectangular duct. 
By using the analogy between heat and mass transfer, a correlation of vapor-side heat transfer 
coefficients is proposed as a function of  vapor-flow Reynolds number, air-mass fraction, film 
Reynolds number, Prandtl number, and Schmidt number. The film Reynolds number in the 
correlation reasonably represents the effect of  the wavy interface on the enhanced vapor-side heat 
transfer. 

2. EXPERIMENTAL FACILITIES 

2.1. Experimental apparatus 

The experimental facilities consisted of the test section and the auxiliary equipment; the 
s team-air  supplying unit, the condensate-film supplying loop used to investigate the various waves 
of  a falling-film flow, and the cooling water loop used to remove the condensation heat. 

The steam flow rate was measured by an orifice flowmeter and adjusted automatically to a desired 
value by the feedback control valve. The air flow rate was also measured by an orifice flowmeter. 
The orifice flowmeters were constructed according to reference (Bean 1971). A cylindrical float 
flowmeter was specially used for the flow rate below 0.01 m3/s. The accuracy was guaranteed within 
_+ 2% error. 

The description of  the test section is shown in figure 1. The width and the height of  the duct 
are 150 and 100 mm, respectively. The cooling wall was made of an aluminum alloy. The other 
walls were made of polycarbonate plate and insulated sufficiently. The duct and the condensing 
wall are 1750 and 1510 mm long, respectively. The duct was designed so that the boundary layers 
developed at the opposite walls did not interact. A settling chamber to enhance the quality of the 
s team-air  flow was set up before the test duct. It  consisted of a 15 mm thick honeycomb with 3 mm 
cells and three 20 mm screens. The temperature of  the flow was measured at the inlet and the outlet 
of  the duct. 

Condensate film was circulated through the insulated closed loop and the flow rate was measured 
by a magnetic flowmeter. To investigate the various surface waves in a broad range of film Reynolds 
numbers, extra liquid was supplied at the inlet of the test duct. The supplied film was maintained 
nearly in a saturated state. The temperature of the liquid was measured at the inlet and the outlet 
to confirm whether it was equivalent to the saturated temperature. 

Coolant  was circulated through the closed loop to remove the condensation heat. The coolant 
was sufficiently supplied, so the increase of  the temperature at the outlet was less than 1.5°C even 
at the time of maximum heat transfer rate. The size of  the coolant path was 130 mm wide and 
8 m m  high. All temperatures were measured by calibrated T-type thermocouples and DAS (date 
acquisition system). Each thermocouple linked to the DAS was calibrated by a platinum resistance 
thermometer with a constant water bath. 

2.2. Measurement of  heat flux 

Figure 2 shows the side and cross-sectional views of the cooling block. The size of  the cooling 
block is 1510 mm long, 150 mm wide, and 24 mm thick. Thirty eight T-type thermocouples were 
installed at 2 m m  inward from the upper and lower sides to measure the local heat flux. The other 
sides were carefully insulated to establish adiabatic condition. The dots in figure 2(a) indicate the 
location of  the thermocouples. 
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The thermocouples were inserted into a copper tube with a 2 mm diameter and 45 mm long and 
then the copper tube was inserted into the drilled holes in the aluminum block. The junction of 
thermocouples was made by soldering. The wire diameter of  the thermocouples was 0.254 ram. The 
end of  the copper tube, at which the bead was soldered, had a circular cone shape. The bead was 
located at the apex. The gap between the drilled hole and the copper tube was filled with silver 
paste to reduce contact resistance. 

The local heat flux was calculated from the 2-dimensional conduction equation and the proper 
boundary conditions which were the temperatures measured at the upper and lower sides of  the 
block and the adiabatic condition at the other sides. The conductivity of  the cooling block was 
precisely measured with the Ulyac TC-7000 HNC thermal conductivity meter. The heat flux 
measurement was checked by the direct measurement of  condensate in pure steam condensation. 
The condensate was measured at the end of the condensing wall and compared with the calculated 
value from the measured heat flux and phase-change enthalpy. The direct measurement was 4.3% 
greater than the calculated value. The repeatability of  the direct measurement of  condensate was 
within + 2 % .  

3. DATA ANALYSIS 

The local film Reynolds number was calculated from the liquid film flow rate at the inlet of the test duct and 
the condensate on the cooling wall 

4 4E ' i  1 Rer(x)=~m'(x)=-~m~. 1 + ~  q(x')dx' , [1] 
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Figure 1. Side view of test section. 
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Figure 2. Configuration of thermocouples installed in the cooling block. 

where m'(x) is the mass flow rate per unit depth. The subscript, in, indicates the inlet of  the test duct. The 
q(x') and hf, are the local heat flux and the latent heat, respectively. The tt is dynamic viscosity. 

The vapor Reynolds number is defined as based on the local values 

Rev - (U(x) - UOx, [2] 
v 

where U(x) and U~ are the velocities at the core region of  the test duct and at the interface respectively. The 
distance from the inlet of  the test duct is taken for the length scale and the vapor velocity relative to the 
interface for the velocity scale. All transport properties of  the steam-air  mixture were calculated at the 
arithmetic mean of  the bulk fluid and interface temperatures by using the method of  Wilke (Reid et al., 1987). 

The local vapor  mixture velocities along the test duct were not  measured in all the experiments shown in 
table 1. Most  of  the local velocities were estimated from the inlet velocity by considering the condensation 
of  the steam and the development of  boundary layers formed on the walls. The increase of  the velocity due 
to the development of  boundary layers was about  13-16% and depended on the inlet velocity. The estimation 
showed good agreement with the results of  some measurements in table 1 and the previous work done on the 
developing flow in a rectangular duct (Park 1996; Schetz 1993). 

The interface velocity at the mean film thickness was calculated from the turbulent film theory developed 
by Yih and Liu (1983) and the laminar film theory (Nusselt 1916). The wave velocities of  the condensate film 

Table 1 .  Experimental conditions 

U,~ (m/s) Re .... W Tb(°C)t Tw(°C):~ U,o (m/s) Rec,, W Tb(C)t T~(~C)~ 

1.4 0-15,000 0.2 95.9 70.0 3 0-13 
1.4 0-13,700 0.3 93.4 65.8 5 0-17 
1.4 0-12,200 0.5 86.9 58.6 5 0-16 
3 0-12,700 0.1 98.1 78.2 5 0-15 
3 0-16,400 0.2 95.9 78.5 5 0-12 
3 0-14,000 0,3 93.4 66.4 5 0-14 
3 0-15,400 0.3 93.4 75.2 5 0-12 
3 0-12,400 0.5 86.9 58.7 7 0-17 
3 0-13,800 0.5 86.9 68.6 7 0-15 
3 0-15,600 0.7 76.6 58.0 7 0-14 

800 0.7 76.6 49.5 
200 0.1 98.1 84.1 
200 0.2 95.9 76.8 
500 0.3 93.4 75.1 
600 0.5 86.9 60.6 
100 0.5 86.9 69.5 
000 0.7 76.6 58.6 
000 0.2 95.9 81.1 
800 0.3 93.4 76.0 
000 0.5 86.9 68.2 

tSaturation temperature of steam-air mixture in the core region of test section. 
:~Mean temperature of condensing wall. 
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Figure 3. Diffusion layer of steam-air mixture flow. 

were measured for some cases selected from among the experiments in table 1. The calculated interface velocity 
was reasonable when considering the propagation velocity of the waves (Park et al., 1996). 

From the measurements of steam and air flow rate, the air- and steam-mass fractions were calculated as 
follows 

W - m a  ms 
m ~ + m ;  Y = - - .  [3] s /7la "~- m s  

The air-mass fraction of the core region of the test duct always equalled that of the test duct inlet. 
The main characteristic of the condensation of steam-air mixture is that the saturation temperature at the 

interface is lower than the bulk temperature as shown in figure 3. Three kinds of heat transfer coefficients 
are defined as 

q hr - q hv q [4] ho = T b -  Tw; T , -  T~; T b -  T~ 

where ho, he, and hv are overall, film-side, and vapor-side heat transfer coefficients. Tb and T~ are the saturation 
temperature at the bulk vapor and the interface. T~. is the surface temperature of the condensing wall. 

There is, however, no available technique for directly measuring the interface temperature with sufficient 
accuracy because of the moving interface. If the film-side heat transfer coefficient is given, the interface 
temperature can be calculated by the following equation 

q(x)  r, = ~ + Tw. [5] 

The following correlation obtained from the pure steam condensation was used for the film-side heat 
transfer coefficient (Park et al., 1996) 

Nuw = hr(v2/g)"3 - 0.88ReF °25, [6] 
k 

Nut - hf(v2/g)"3 0.0052Ref°'34pr °65, [7] 
k 

where Nuw and Nu, are Nusselt numbers for liquid film in the case of wavy and turbulent film flow respectively. 
This is based on the assumption that the film-side thermal resistance depends on the fluid properties and 

flow characteristic of only the condensate film regardless of the components of vapor such as pure steam or 
steam-air mixture. The assumption is reasonable when considering that the Nusselt number is well correlated 
as a function of film Reynolds number and Prandtl number, for a vertical surface, with the exception of the 
high interfacial shear stress. There is an argument that the surface tension and the condensing mass flux affect 
the wave structure of condensate film. In this experimental range of the high film Reynolds number and the 
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moderate vapor velocity, however, it was expected that the effect of surface tension and condensing mass flux 
on film-side heat transfer would be negligible as compared with that of film Reynolds number and Prandtl 
number (Park et al . ,  1996). 

The local heat transfer coefficients right around the entrance showed the characteristics of transition and 
the effect of the inlet condition, when an extra condensate film was fed. However, they disappeared in the 
lower part of the vertical cooling surface, as the liquid film developed thermally and hydrodynamically. 
Therefore, the heat transfer coefficients in the range, x = 1.1-1.5 m, were taken as valuable data for analysis. 
The local heat transfer coefficients along the cooling surface were presented and discussed in the reference 
(Park et al. ,  1996). 

4. RESULTS AND DISCUSSION 

Figure 4 shows the vapor-side heat transfer coefficients. The horizontal axis is the vapor velocity relative to 
the moving interface. The velocity of the moving interface (UJ was calculated from the turbulent film theory 
by Yih and Liu (1983). The arrows indicate the increase of film Reynolds number. The film Reynolds numbers 
corresponding to the data are also presented in the figure. The velocity of condensate film is not negligible 
for high film Reynolds numbers as compared with the vapor velocity. The relative velocity decreases with 
the increase of film Reynolds number because of the increase of the interface velocity. 

In spite of the data scattering, one can find the trend that the vapor-side heat transfer coefficient increases 
uniquely with the increase of film Reynolds number. It is supposed that the waviness of condensate film 
corresponding to the film Reynolds number enhances the heat and mass transfer at the non-condensable gas 
layer. 

4.1. D e v e l o p m e n t  o f  correlat ion 

The heat flux of steam-air condensation in the saturation state is separated into condensing and sensible heat 
fluxes 

k ~ T  I q" = q~' + q;' = -m"hr,,l~ + ~y i. [81 

Two kinds of heat transfer coefficients corresponding to the heat fluxes are given by 

h~ = - m "hf, Li 
T u -  T, '  [91 
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Figure 4. Vapor-side heat transfer coefficients with the vapor velocity relative to the moving condensate. 
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The condensing mass flux, m", can be expressed by 

_ [  1 0 W \  Wb - -  W~ Y ~ -  Yb 
m " =  7) , "  = g g 1 - [121 

where Y and W are steam- and air-mass fraction respectively, and g is the mass transfer coefficient. 
Turbulent heat and mass transfer coefficients with negligible suction on a flat plate are commonly correlated 

in the form 

= CmRe~ Sc - - ,  [13] gO o,~ t~ pD 
X 

h o ~ o 8 I 3 ks = C~Rev P r - - - .  [14] 
X 

Since the boundary layer thicknesses are reduced due to the condensation, the following correction factors 
have to be implemented to account for the apparent suction effect (Kays and Crawford 1993) 

In(1 + B~) II, - Yb 
g - -  Bm gO; B m -  I - -  Yi [151 

h - I n ( 1  +Bh)hO; _ m"/G 
Bh & = ---~-,  [16] 

where Bh and Bm are the blowing parameters of heat and mass transfer corresponding to the friction blowing 
parameter at a transpired boundary layer. 

Finally, the condensing heat transfer coefficient becomes 

ln(l + B,~).PD.c,,,Re°~'SSc ''3. [17] h C - T b -  T, x 

If the condensation conductivity is defined as 

- hf, 
k ~ -  TT~-T, pD.ln(1 +Bin), [18] 

[17] becomes 

hc 0 8 ,1 kc = CmRe~' Sc -- [19] 
X 

Also, the sensible heat transfer coefficient including the suction effect becomes 

h~ = C~Re'~'SPr '3 ~ .  [20] 
x 

Since the form is very complex and the contribution to the total heat transfer rate is negligible, the correction 
factor of sensible heat transfer coefficient due to the suction is simply included in coefficient G. The vapor-side 
heat transfer coefficient, hv, therefore, is expressed as the following equation from [11], [19] and [20] 

h~ = CmRe~'SSc~:3{kc C~ / P r \  '~ ) + --~m't-ff~ ) k,~/x. [21] 

4.2. Correlation of vapor-side heat transfer coefficients 
At first, Cm and C~ in [21] were obtained from the best fitting with the experimental data for the film Reynolds 
number less than 350. The number, 350, does not have a special meaning such as it is with the criterion dividing 
the surface of condensate film into smooth and wavy interface. It is very difficult to draw a definite line between 
smooth and wavy interface. The enhancement of vapor-side heat transfer coefficient due to the wavy interface 
increases smoothly with the increase of film Reynolds number. In order to analyze the enhancement due to 
the wavy interface, the data for film Reynolds number less than 350 were used as reference values with the 
negligible effect of the wavy interface. Figure 5 is the result of the best fitting. The coefficients, Cm and Cs/Cm, 
are 0.0283 and 2.5, respectively. Most data fitted within + 10% error. The steam-mass fractions at the 
interface and the bulk fluid were obtained from the saturation temperature by assuming that the vapor mixture 
was saturated at the whole flow field. The vapor Reynolds numbers ranged from about 77,000 to 500,000, 
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The coefficient, Cm, from the best fitting with the experimental data is 1.7% lower than 0.0288 of the result 
for a smooth flat plate, which was obtained from the local skin-friction coefficient for the Blasius relation 
using the Colburn analogy (Welty et al., 1984). The sensible heat scaling coefficient, G,  related to sensible 
heat transfer is 2.5 times the coefficient, Cm. The condensing heat scaling coefficient, Cm = 0.0283, matches 
the value, 0.0288, whereas the coefficient, G ,  is greater than the value for dry sensible heat transfer without 
condensation. One reason is that the multiplier considering the effect of suction is included in the sensible 
heat transfer scaling coefficient. 

Peterson et al. (1993) correlated their experimental results for the condensation of a mixture of steam and 
non-condensable gas in vertical tubes as a form of the Dittus-Boelter equation. In their correlation the 
coefficients, Cm and C+/Cm, were 0.0276 and 7.0 in the best curve-fitting. The reason Cm was greater by about 
20% than 0.023 of the Dittus-Boelter correlation was attributed to the waviness of the condensate film. It 
was also suggested that the larger sensible heat scaling coefficient for a mixture condensation over that of 
a dry gas heat transfer, G/Cm = 7, was due to the increase of effective specific heat. If mist formation occurs 
in the vapor flow, the effective specific heat and thus the ratio Pr/Sc = pCpD/k~ increases substantially. 
Recently, Legay-Desesquelles and Prunet-Foch (1986) showed the enhancement of sensible heat transfer by 
using the turbulent boundary layer equation with considering mist formation. In, the present experiment the 
steam-air mixture was superheated from a few degrees to 25°C depending on the mass flow rate of steam. 
Therefore, the ratio of the sensible heat scaling coefficient to the condensing heat was supposed lower than 
the result of Peterson et al. (1993) with apparent mist formation. 

Figure 6 shows the contribution of the sensible heat transfer to the total vapor-side heat transfer. While 
the condensation conductivity changes from about 0.8 to 9.6, the contribution of the sensible heat transfer 
decreases from about 9 to 1%. 

Figure 7 shows a comparison between [21] and all data for the experiments of table 1. The film Reynolds 
number ranges from about 40 to 17,600. The arrow indicates the increase of condensate film Reynolds number 
in the figure. The comparison shows clearly the enhancement of heat transfer coefficient due to the rough 
and dynamic surface related to the film Reynolds number. 

The enhanced heat transfer coefficient due to the wavy interface was correlated as 

hv., = 0.0283"(1 + 1500.Re°'"RG-' ')Re°'8Sc'/3 {kc + 2.5( ~c )/Pr\~/3ks~/x. ) [22] 

Most of the experimental data fitted in [22] within + 15% error is shown in figure 8. In the present 
experimental range, the effects of the wavy interface on the enhancement of vapor-side heat transfer coefficient 
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Figure 6. Contribution of sensible heat transfer to the total vapor-side heat transfer. 

are well represented with condensate film Reynolds numbers and vapor Reynolds numbers between the 
parentheses in [22]. The enhancement depends linearly on the positive power to the film Reynolds number 
and increases with the increase of film Reynolds number. This is because the non-condensable gas layer is 
more strongly disturbed due to the enhanced roughness and waviness of the interface. Whereas the 
enhancement depends linearly on the negative power to the vapor Reynolds number and decreases with the 
increase of vapor Reynolds number. This means that the contribution of wavy interface to the enhancement 
decreases with the increase of the vapor Reynolds number. The larger the vapor Reynolds number is, the less 
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Figure 7. The enhanced vapor-side heat transfer coefficients due to the wavy interface corresponding to 
the film Reynolds number. 
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Figure 8. Comparison between the experimental data and the correlation [22]. 

is resistance of heat and mass transfer in the diffusion layer. That is, thermal resistance is greater for a low 
vapor Reynolds number than for a high vapor Reynolds number. Therefore, the enhancement effect due to 
the waviness is greater for the low vapor Reynolds number, although the waviness of vapor-condensate 
interface is the same. 

5. CONCLUDING REMARKS 

By using the analogy between heat and mass transfer, a correlation of the vapor-side heat transfer coefficients 
is proposed for the condensation of a steam-air mixture on a vertical surface. The correlation includes the 
effects of the wavy interface on the heat and mass transfer in the diffusion layer derived from a 
non-condensable gas. The vapor-side heat transfer coefficient was produced from the measured overall heat 
transfer coefficient across the condensate film and the diffusion layer by using an appropriate film-side heat 
transfer coefficient. The film-side heat transfer coefficient was estimated from a correlation of pure steam 
condensation on a vertical surface. 

Under given conditions the vapor-side heat transfer coefficient increased greatly with the increase of the 
film Reynolds number. The enhancement was due to the wavy interface corresponding to the film Reynolds 
number. The experimental data were correlated separately according to the film Reynolds number. For a film 
Reynolds number less than 350, most of the data were well correlated as a function of vapor Reynolds number, 
air-mass fraction, Prandtl number, and Schmidt number within + 10%. The ratio of the enhanced heat 
transfer coefficients for the wavy interface to those for a film Reynolds number less than 350 were correlated 
as a function of film Reynolds number and vapor Reynolds number. The film Reynolds numbers ranged from 
about 40 to 17,600 and the vapor Reynolds numbers from about 77,000 to 500,000. The air-mass fractions 
also ranged from 0.1 to 0.7. Most of the data were well fitted in the correlation within +15%. The 
enhancement increased with an increase of the film Reynolds number and decreased with an increase of the 
vapor Reynolds number for a given film Reynolds number. 
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